Airborne acoustic properties of composite structural insulated panels CSIPs composed of fibremagnesium-cement facesheets and expanded polystyrene core were studied. The sound reduction ratings were measured experimentally in an acoustic test laboratory composed of two reverberation chambers. The numerical finite element (FEM) model of an acoustic laboratory available in ABAQUS was used and verified with experimental results. Steady-state and transient FE analyses were performed. The 2D and 3D modelling FE results were compared. Different panel core modifications were numerically tested in order to improve the airborne sound insulation of CSIPs.
Introduction
The structural design in housing can be improved through the development and application of composite elements that capitalize on multifunctional components (Peters, 1998) . Structural insulated panels (SIPs) developed nearly 75 years ago are high-performance composite building panels used in floors, walls, and roofs for residential and light commercial buildings. These panels are fabricated in a factory and shipped to a construction site, where they can be quickly assembled to form a tight, energy-efficient building envelope. SIPs are simple composite sandwich panels formed as three layered structures by bonding a thin layer (facing) to each side of a thick layer (core). The facesheets carry the bending stresses while core resists the shear loads and stabilizes the faces against buckling or wrinkling. The core also increases the structure stiffness by holding the facesheets apart. In general, core materials have lower mechanical properties compared to those of facesheets. The final product has enhanced and more desirable properties than its constituents and possess a high stiffness-to-weight ratio.
In the paper we investigated the last generation of SIPs applied lately in the building industry, called composite structural insulated panels CSIPs (Smakosz et al., 2012; Smakosz, Tejchman, 2014) .
They were developed 5 years ago in USA and introduced in 2010 into the Polish building market by the polish building company LS TECH Homes. The panels consist of the glass fibre-magnesium-cement boards (facesheets) with the thickness of 11 mm and expanded polystyrene EPS core (thickness 150 mm) connected by thin adhesive layers. Their dimensions are 0.172 × 1.0 × 2.5 m 3 and their overall weight is 70 kG. As compared to classical SIPs, they are significantly stronger and fire and biological corrosion resistant. Unfortunately, the high stiffness-to-mass ratio causes a low level of the sound insulation due to the appearance of resonant frequencies in the EPS core.
A negative effect of noise on the human health and comfort causes a growing interest in the sound insulation of building baffles. This fact enforces designers to ensure not only the suitable both structural strength and heat-thermal conditions but also the acoustic insulation level. All building standards require to be defined acoustic properties of the building and its components. The most realistic data on the airborne acoustic insulation are obtained by means of field and laboratory acoustic tests. As compared to field measurements, the experimental results from laboratory tests (ISO 140-1, 1997; ISO 140-3, 1995) do not provide data about flanking transmission of the airborne sound through building baffles (ISO 140-4, 1998).
There exist numerous studies concerning the acoustic behaviour of composite building panels. The first research results on the optimum design of composite panels (Lang, Dym, 1975; Makris et al., 1986) has shown that the use of more massive and less stiff panels is advantageous for the sound insulation improvement of the sandwich panels over a greater frequency range. Moreover, by increasing the stiffness of the core, the symmetric coincidence effect may be eliminated (while the asymmetric coincidence of the panel still appears). Wang et al. (2009) has shown that the asymmetric coincident frequency of sandwich panels is mainly governed by its flexural stiffness while the symmetric coincident frequency is influenced by the core compressive stiffness. Moreover, the high stiffness-mass ratio is responsible for improving the sound radiation and the lower sound insulation property. The theoretical study by Shengchun et al. (2010) indicated that as the core shear stiffness increased, the coincidence critical frequency moved to the lower frequency range and the sound insulation was improved in a medium and high frequency range. A number of tests on samples with different facesheets were carried out by WenChao and Chung-Fai (1998) to study the effect of the stiffness and damping on the sound insulation of honeycomb sandwich panels. The test results showed that attaching the honeycomb core directly to the interior side of facesheets improved the sound insulation in a low frequency range. Another kind of a honeycomb sandwich panel was presented by Naify et al. (2011) . The impedance mismatch of a gas layer was an effective mean to increase the sound panel insulation. The gas layer 10 cm thick on the side of the panel produced a substantial increase in the sound insulation in the mid-to-high frequency range. Gasses with a large difference in the impedance maximized the effective sound insulation of a layered system. An application of the finite element method to different acoustic problems was demonstrated among others by Papadopoulos (2002; 2003) Papadopoulos (2002; 2003) showed that a three-dimensional numerical model of an acoustic laboratory was a useful tool to calculate the sound insulation of different structures. A three-dimensional model was computationally very expensive and could be mainly used to predict the acoustic structure behaviour in a low-frequency band. To overcome this problem, a two-dimensional acoustic laboratory model with a fluid-structure interaction was proposed by Diaz et al. (2010a) . A good agreement between experiments and numerical results was achieved for a concrete hollow brick wall. This model was furthermore optimized by Diaz et al. (2010b) .
Our research work was motivated by the need to develop composite structural insulated panels CSIPs for residential and light commercial buildings with acoustic properties of the airborne sound insulation meeting standard requirements. The experiments on the sound transmission loss in CSIPs were carried out in a large acoustic test laboratory. Next, numerical simulations of experiments were carried out using a FE coupled acoustic-structural medium model available in the commercial FE package ABAQUS (2010a; 2010b). Steady-state and transient 3D and 2D finite element analyses were performed. Later, several modifications of the CSIPs were proposed based on 2D FE results in order to improve the acoustic properties. The innovative points of our research work are: a) a direct comparison between experimental and numerical results for composite building panels, b) comprehensive comparative FE analyses (steady state and transient 2D and 3D computations) and c) numerical analyses related with modifications CSIPs in order to improve their acoustic properties.
Experiments in acoustic laboratory

Experimental set-up and measurement procedure
The measurements of the sound reduction index of the wall panel CSIP of Fig. 1 were carried out in the Acoustic Laboratory of Ship Design and Research Centre in Gdańsk (Poland) composed of two reverberation chambers (Fig. 2) with the volume of 212 m and 190 m 3 , respectively. The proportions between the chamber dimensions ensured a uniform distribution of modal frequencies especially in a low-frequency range. The source chamber was separated from the receiving chamber, and both chambers were separated from the building structure (Fig. 3) . In addition, both chambers were installed on the separate foundations. Therefore, the external noise and flanking transmission were reduced to the minimum. The chambers walls were highly sound reflective (they were made from painted concrete). The panel baffle area was about 10 m 2 (3.17 × 3.16 m 2 ). The acoustic baffle was created by CSIPs connected by edge-to-edge to splines from oriented strand boards (Fig. 3) . The wood screws were used to connect facesheets and splines on both board sides. The panel was mounted on a steel beam in a floor channel (Fig. 2) . All slots needed to insert the connectors were in the core layer. The airborne sound reduction index R was measured that was the amount of the sound intensity being lost when sound was transmitted from the source to the receiving chamber through a tested baffle. The index R is a function of the frequency f and was calculated as the difference between the average sound pressure in the source and receiving chamber by taking into account the presence of the baffle (ISO 140-3, 1995): 
where V is the receiving chamber volume in [m 3 ] and T denotes the reverberation time of the receiving chamber in [s] .
The average sound pressure levels L 1 and L 2 were given by the following equation:
where n denotes the number of test points (stationary microphones) in each chamber and L i is the sound pressure level at the point 'i' (dB). A sound field was generated by the omnidirectional corner loudspeaker placed opposite to the test-specimen area and emitting the pink (flicker) noise (a signal with a frequency spectrum such that the power spectral density is inversely proportional to the frequency). Based on the measured curve R = R(f ), the weighted sound reduction index R w and the spectrum adaptation terms C and C tr could be calculated in the frequency range of 100-3150 Hz. The terms C and C tr reduce the index R w according to the noise source type (EN-ISO 717-1, 1996):
with
where 'i' is the number of the 1/3 octave band and 'j' is the number of the adaptation spectrum. Next, the apparent sound reduction indexes R A1 and R A2 (EN-ISO 717-1, 1996) were calculated as:
The index R A1 is applied when the loading noise is the human noise. In turn, the index R A2 is related to the urban traffic noise. The indexes R A1 , R A2 do not take into account a flanking transmission effect. However, the requirements for residential buildings (PN-B-02151-3, 1999) are compared with the apparent sound reduction indexes R A1 , R A2 including the flanking transmission effect. This negative effect can be estimated as 3 dB for internal walls and 0 dB for external walls without windows in residential buildings (Szudrowicz et al., 2002 ). Figure 4 presents the measured airborne sound insulation curve R = R(f ) related to the standard reference curve (ISO 717-1, 1996) in the range of the 1/3 octave bandwidth. The frequencies correspond to the octave band centre frequencies. Our CSIP possesses unfortunately two resonant frequencies in the considered frequency band which decrease its sound insulation, namely at f = 630 Hz and at f = 3150 Hz.
Measurement results
The symmetric so-called mass-spring-mass resonance at f = 630 Hz is caused by volume changes of the compressible EPS core between stiff facesheets, and the asymmetric coincidence resonance at f = 3150 Hz is due to bending waves (Vigran, 2008) . Based on the curve of Fig. 4 , the weighted sound reduction index is R w = 32 dB and the spectrum adaptation terms are C = −4 dB and C tr = −6 dB. In turn, the sound reduction indexes are: R A1 = 28 dB and R A1 = 25 dB (internal walls of residential buildings), and R A2 = 26 dB and R A2 = 26 dB (external walls of residential buildings loaded with urban traffic noise). According to the polish standard (PN-B-02151-3, 1999), CSIP does not meet requirements for internal walls in residential buildings (walls in flat rooms in multifamily buildings) by 10 dB. The requirements for external walls are related with the equivalent Aweighted sound level outside buildings. CSIPs do not meet requirements for external walls in residential buildings by 4-7 dB (the daily and night equivalent A-weighted sound levels are not greater than 60 dB). Thus, their airborne sound insulation should be enhanced.
Mathematical model for coupled acoustic-structural medium analyses
A commercial program ABAQUS (2010a) was used to solve the coupled acoustic-structural problem under transient and steady-state conditions. The acoustic equation was expressed by the equilibrium equation for small motions of a compressible adiabatic fluid with velocity-dependent momentum losses:
where p -the dynamic fluid pressure, x -the spatial position of the fluid particle,u f -the fluid particle velocity,ü f -the fluid particle acceleration, ρ f -the fluid mass density and γ -the fluid viscosity (volumetric drag). The constitutive fluid behaviour was assumed to be inviscid, linear, and compressible; thus
with K f as the bulk modulus of fluid. By combining Eqs. (7) and (8), one obtained the equation of motion for the fluid in terms of the fluid pressure:
The displacements of edge nodes (surface S3 in Fig. 5 ) were fixed in a third direction. On the surface S2 (Fig. 5) , an acoustic-structural interface was applied where the identity of the fluid and solid displacements in a normal direction to the surface was assumed:
where u m -the solid displacement, u f -the fluid displacement and n -the vector outward normal to the structure. The reflection conditions were applied on the surface S1, by defining the spring k 1 and the dashpot c 1 (Fig. 5a ). The impedance boundary conditions at any point along the acoustic medium surface were governed by the equation in a transient and steady-state analysis equal to:u
whereu out -the acoustic particle velocity in the outward normal direction of the acoustic medium surface, p -the acoustic pressure,ṗ -the time rate of the acoustic pressure, 1/k 1 -the proportionality coefficient between the pressure and displacement normal to the surface, 1/c 1 -the proportionality coefficient between the pressure and the velocity normal to the surface, Ω -the angular frequency and Z(Ω) -the complex boundary impedance. Equation (11) is in the form of an admittance relation; the impedance expression is simply the inverse. The layer of the material in the admittance form acts as a spring and dashpot in series distributed between the acoustic medium and rigid wall. The final variational equation for the acoustic medium (equivalent of the virtual work statement for the structure) after taking into account of boundary conditions in the interface was:
Equation (10) captures the following boundary subregions S:
• Sft -description of the normal derivative of the acoustic pressure per unit density, where T 0 is the fluid particle acceleration,
• Sfr -the reactive acoustic boundary with a prescribed linear relationship between the fluid acoustic pressure and its normal derivative,
• Sfi -the radiating acoustic boundary, where a 1 is the impedance parameter,
• Sfs -the boundary, where the motion of an acoustic medium is directly coupled to the solid motion (the acoustic and structural media have the same displacements normal to the boundary, but the tangential ones are uncoupled,
• Sfrs -the acoustic-structural boundary, where displacements are linearly coupled but not necessarily identical due to the presence of a reactive intervening layer (the layer induces an impedance condition between the relative normal velocity between the acoustic fluid, solid structure and acoustic pressure).
In turn, the structural behaviour was defined by the virtual work equation:
whereu andü -the velocity and the acceleration, respectively, p -the pressure acting on the fluidstructural interface ρ -the mass density, α c -the damping factor (part of the Rayleigh damping proportional to the mass), σ -the stress tensor, n -the outward normal to the structure, t -the surface traction applied to the structure and δε and δu -the strain and displacement variations compatible with δu, respectively.
Equations (13) and (14) define a variational timedependent problem for the coupled fields u and p. To solve the sound pressure variation in the time domain, the transient dynamic equations were integrated through time using an explicit dynamic integration method. To determine a signal in the frequency domain, the fast Fourier transform was used.
In the case of a steady-state linear dynamic analysis, it was assumed that the structure was subjected to continuous harmonic excitations. All model degrees of freedom and loads were assumed to vary harmonically at the angular frequency Ω:
where f is the constant complex amplitude of the variable f . Introducing Eq. (15) into Eqs. (13) and (14), a time-independent problem had to be solved. A steadystate analysis resulted in a fixed amplitude as a response to harmonic loads at a particular frequency. Equations (8) and (9) became
The final variational equation is
where a in -the fluid particle inward acceleration, pthe constant complex amplitude of the acoustic pres-sure, ρ -the constant complex amplitude of the acoustic density, u -the constant complex amplitude of the structure displacement.
Input FE data
In the first research step, in order to reduce the computation time, a simplified two-dimensional numerical model was used (Figs. 5a and 6) . The model's geometry was the exact representation of the real acoustic laboratory test chambers (Fig. 2) . The areas of the source and receiver chamber were 37.9 m 2 and 38.8 m 2 , respectively. The following distance requirements for the acoustic laboratory test chambers (ISO 140-3, 1995) related to source and microphones positions were taken into account:
• the minimum distance of 0.7 m from the measurement points to the chamber baffle, • the minimum distance of 0.7 m between the measurement points, • the distance more than 1 m between the measurement points and sound source, • the distance more than 1 m between the measurement points and baffle. The structural flanking transmission was neglected. Since all surfaces of chambers were highly reflective, the absorption coefficient of 0.05 was chosen (for the painted concrete wall), which remained constant in the entire frequency range. A statistical absorption factor theory (Vigran, 2008 ) was used to determine the spring k 1 and dashpot c 1 parameters. The statistical absorption factor α stat was:
where R p is the complex pressure reflection factor, ϕ is the angle between the incident wave and normal to the surface. The factor R p is related with the boundary surface impedance and impedance of an acoustic medium. It means that the sound absorption factor, boundary impedance, the spring k 1 and dashpot c 1 parameters are associated with each other (Eqs. (12) and (18)). The parameters were assumed as follows (α stat = 0.05): 1/k 1 = 0 (imaginary part of admittance) and 1/c 1 = 1.6×10 −5 (real part of admittance). The acoustic medium was modelled as a compressible, inviscid and linear fluid with the following parameters: bulk density ρ = 1.2 kg/m 3 and bulk modulus K = 142 kPa (Papadopoulos, 2003) . The sound source point with the amplitude of 2 Pa was located in the upper right corner. The acoustic load with the magnitude 100 dB may cause stresses located in an elastic region of the test panel baffle. The density values ρ of the panel layers were determined experimentally (Smakosz et According to Xenaki (2005) , the dynamic elastic properties of expanded polystyrene foams can be estimated as (with E = 2G(1 + ν)): G = 0.32ρ − 1.4 and ν = 0.22 + 0.0033ρ. (19) In steady-state FE analyses, the second-order twodimensional 8-noded quadrilateral elements (AC2D8) with pressure as the degree of freedom were used to simulate an acoustic medium. In transient analyses, the first-order elements (AC2D4R) were chosen. The solid specimen was spatially discretized by planestrain, first-order 4-node quadrilateral elements with displacement degrees of freedom (with the reduced integration and hourglass control). At least six nodes per the wavelength in the acoustic medium were chosen. The maximum inter-nodal interval of finite elements was:
where D max -the maximum inter-nodal interval in the element of the mesh, c -the sound speed, n minthe minimum number of the inter-nodal intervals per acoustic wavelength (minimum 6 and 3 for the firstand second-order elements, respectively) and f maxthe maximum frequency excitation in the medium. Based on preliminary calculations, the mesh element dimension describing the acoustic medium in a 2D steady state analysis was mainly 40 mm. The magnesium board and the polystyrene core were always modelled by 10 mm large quads, while the mesh quad size of the glass wool was 0.6 mm. In turn, the acoustic medium in 2D transient computations was modelled by elements of 10 mm. The magnesium board and polystyrene core were always described by 5 mm large quadrilaterals. During 3D steady-state simulations, an acoustic medium was modelled by the second-order cubic elements of 160 mm, the magnesium board was described by the second-order shell elements of 80 mm and the polystyrene core by the second-order cubic elements of 80 mm (with the reduced integration). In 3D transient analyses, the first-order cubic elements of 40 mm were used to describe an acoustic medium, first-order shell elements of 40 mm to model magnesium boards and first-order cubic elements of 40 mm to describe a polystyrene core (with the full integration).
The sound pressure level was computed based on the nodal pressures:
where p rms -the root mean square pressure and p ref -the reference pressure (20 µPa). The average sound pressure level in the 1/3 octave band was calculated at each microphone position (16 points in each chamber) as (Papadopoulos, 2003) :
where L(f ) -the function of the sound pressure level in the frequency domain, f i+1 -the top of the i-th frequency band and f i -the bottom of the i-th frequency band. The discrete signal L(f ) was used in the post-processing computation. In steady-state calculations, the excitation frequencies with the 1 Hz interval from each 1/3 octave band were chosen to calculate L i in Eq. (22), and 5524 frequencies were taken for each microphone position within the entire frequency band. During transient analyses, the time dependent data were transformed to the frequency dependent data by the fast Fourier transform. All excitation frequencies (from 89 Hz up to 5612 Hz) with the 1 Hz interval were chosen. The analyzed time period was equal to 5 s. In order to achieve stability and convergence in explicit dynamic analyses the time increment size ∆t satisfied the condition (ABAQUS, 2010a):
where L e -the characteristic element dimension and c d -the wave speed in the material:
where λ and µ are the effective Lame's constants and ρ is the density of the material. The stable time increment was equal to 1.5 · 10 −6 s throughout the study. Adhesive layers and spline connections were neglected in numerical analyses.
The 2D calculations were performed using the PC computer 4 CPU 2.7 GHz (8 GB RAM memory). The total computational average time for the model was 10 hours for a 2D steady state analysis (acoustic medium was modelled by second-order elements of 40 mm) and 45 hours for an 2D transient explicit dynamic analysis (acoustic medium was simulated by first-order elements of 10 mm, and CSIP was described by first-order 5 mm elements). In turn, the 3D steady-state calculations were performed using PC 32 CPU 2.3 GHz and the 3D transient calculations using PC 8 CPU 2.3 GHz. The 3D computations lasted about 26 days (steady-state approach) and 8 days (transient approach).
FE results
The calculated sound insulation curves for a steady-state and a transient approach are shown in Fig. 7 . Sound insulation curve for CSIP from experiments and FE simulations (R -sound reduction index, f -frequency). Fig. 7 as compared to the experimental curve of Fig. 4 . The measured and calculated sound insulation ratings from 2D simulations are summarized in Table 2 . A comparison in Table 2 was not performed with 3D results because our 3D model with the assumed mesh size was not able to properly describe the acoustic behaviour in the medium and high frequency range of f > 1250 Hz (Fig. 7) . Table 2 . Measured and calculated weighted sound reduction index, spectrum adaptation terms and apparent sound reduction indexes for external walls in residential buildings. The experimental and 2D numerical curves are very similar. However, a better agreement with the experiment was obtained by means of a steady-state approach. The transient 2D analysis results indicated a clear discrepancy at f = 100 Hz. The measured two resonant frequencies were reflected in the 2D numerical curves (f 1 = 630 Hz and f 2 = 3150 Hz). Both the 3D steady-state and transient results were similar. An excellent agreement between the experimental results and 3D results was achieved in a medium frequency range < 1250 Hz (with some small differences in a low frequency range at f < 250 Hz).
The sound ratings obtained from measurements and numerical steady-state 2D simulations (Table 2) are almost the same. There is no difference in the weighted sound reduction index R w and the discrepancies in the R A1 , R A2 , C and C tr indexes are solely 1 dB. In turn, the differences between measurements and transient simulation 2D results are more pronounced: about 2 dB for R w and about 4 dB for R Ai (caused by discrepancies at f < 100 Hz, Fig. 7) .
The experimental and numerical results of Fig. 7 were also compared with the empirical curve proposed by Krakers (2009):
where U is the panel perimeter (U = 12.6 m), S is the panel area (S = 10 m 2 ), η c denotes the core loss factor (η c = 0.05) and η eq is the equivalent loss factor (η eq = 0.087):
The analytical sound insulation curve (Fig. 8 ) shows a good match with the experiment in a low and medium frequency range, but large differences occur in a high frequency range (f > 1600 Hz). The analytical and experimental sound insulation index R at the symmetric resonance frequency (f = 630 Hz) are different. This causes the discrepancy of about 4 dB between the experimental and analytical sound reduction index R A . The dependence of the sound insulation curve on the mesh size in a steady-state 2D analysis is shown in Fig. 9 . The mesh size of second-order quadrilateral elements of the acoustic medium was 10, 20, 40 and 80 mm. In turn, the mesh size of the wall panel was always 10 mm (second-order elements with the reduced integration). For the finest FE mesh of about 450'000 finite elements were used in each chamber. The results presented in Fig. 9 show that during steady-state analyses even larger quadrilateral elements (with the size of 40 mm) might be used. 
Improvement of sound insulation of CSIPs
Several modifications of CSIPs were numerically tested in steady-state 2D FE analyses to improve its sound insulation (Subsec. 2.3) (Fig. 10) . Two type modifications were considered: a) glass wool layer, air void insert and glass wool insert were put symmetrically against the horizontal axis or b) two CSIPs were mutually connected through a glass wool layer (Table 3, Fig. 10 ).
The geometry of air voids and the glass wool insert was the same. The following material parameters were assumed for the glass wool: ρ = 101 kg/m 3 , E = 303 kPa, ν = 0 and loss factor η = 0.05 (Naoki, Table 3 (dimensions in millimetres).
Takayasu, 2007; Tarnow, 2005) and for the air layer: ρ = 1.2 kg/m 3 and K = 142 kPa (Papadopoulos, 2003) . The second-order elements of 40 mm were used for the acoustic medium. The influence of the different CSIP modifications listed in Table 3 on the sound insulation curve is shown in Figs. 11-18 . In turn, Table 4 summarizes the results of the calculated sound insulation ratings R w , C, C tr , R A1 and R A2 . Table 3 . CSIPs with different modifications for FE analyses (Fig. 10 ).
Modification case (see Fig. 10 Table 3 (R -sound reduction index, f -frequency). Table 3 (R -sound reduction index, f -frequency). Table 3 (R -sound reduction index, f -frequency). Table 3 (R -sound reduction index, f -frequency). Table 3 (R -sound reduction index, f -frequency). The suggested modifications of the EPS core are able to improve the sound insulation of composite panels, in particular with the aid of a glass wool layer. For the modified CSIP with the air void inserts 20 cm wide (case 'A'), the first resonant frequency was shifted from 630 Hz down to 500 Hz and the sound reduction index R increased from 15.7 dB up to 29.2 dB in the area of the mass-spring-mass resonance (Fig. 11) . However, this modification decreased the sound insulation at the low frequency range (250-315 Hz) and decreased the sound reduction index R A1 from 26.1 dB (original panel) down to 27.3 dB (Table 4 ). In turn, the index R A2 was the same (Table 4) . On the other hand, the 40 cm wide air void inserts (case 'C') allowed for a sound insulation growth in a broad frequency range (from 160 Hz up to 1000 Hz). The index R increased from 15.7 dB up to 23.6 dB in the area of a symmetric coincidence frequency. However, the low frequency acoustic insulation was smaller. An increase of the both indexes (R A1 , R A2 ) by 3.5-1 dB was observed (Table 4) .
When air void inserts were replaced by a glass wool (cases 'B' and 'D'), the sound insulation increased obviously with the growing width of wool inserts. An increase of the sound insulation at the broad frequency range was obtained in the cases 'B' and 'D' (Fig. 12 ) due to the weight augmentation. Thus, a noticeable increase by 2.5-6.1 dB was obtained for the ratings R Ai .
A significant positive effect of an additional damping layer (glass wool) on the shift of the resonant frequency is showed in Fig. 13 . All modified panels (cases 'E', 'F', 'G' and 'H') had always a greater sound insulation in a mid-region of the frequency band. The addition of the 1 cm wide damping layer (case 'E') shifted the low resonant frequency to 315 Hz and increased R up to 43.8 dB in the area of resonant frequency (f = 630 Hz). Despite of a sound insulation increase in the range of mid-frequencies, the sound reduction indexes R A1 and R A2 were greater by 4.5 dB and 2.5 dB only (Table 4) . This is related to the smaller sound insulation in a low frequency range. The panel with the additional 1 cm thick damping layer (case 'E') was the most advantageous because it was characterized by the greatest growth of sound insulation rating R A2 . The differences in the sound insulation ratings R Ai between the panel with the 8 cm (case 'H') and the basic configuration were 6.0 dB and 0.9 dB, respectively. Thus, the greatest increase of the sound rating R A1 was occurred in the case 'H' (8-cm-thick additional glass wool layer). On the other hand, the greatest growth of the sound rating R A2 happened in the case 'E' (1-cm-thick additional glass wool layer).
The influence of an additional layer location on sound insulation curves is showed in Figs. 14-17. The overall thickness of additional glass wool layers was the same. Three layer types were taken into account: single mid-layer, single lateral layer and double lateral layer (Fig. 10) . The effect of the location was negligible for the thickest glass wool layer (Fig. 17) . The application of a double layer (cases 'M', 'N', 'O' and 'P' in Fig. 10 ) is recommended in order to increase the sound insulation in a medium and high frequency range.
A strong improvement of the acoustic behaviour was also obtained with double CSIPs (cases 'R' and 'S') ( Fig. 18 ) that was mainly related with the weight increase and the presence of a continuous glass wool layer between panels (Fig. 10) . A non-symmetric case 'R' had the greatest sound insulation indexes (Table 4) . It was more advantageous than the symmetric case 'S' due to different resonance frequencies of single layers in the case 'R'.
Further studies will be carried out on modifications of CSIPs to improve their acoustic properties by taking into account technical and economical aspects of a manufacturing process.
Conclusions
The following conclusions can be derived based on our experimental and numerical results concerning the airborne sound insulation of CSIPs:
• The airborne sound insulation of panels is low and does not satisfy the standard requirements. It is caused by the presence of a light compressible EPS core that contributes to resonant frequencies at 630 Hz and 3150 Hz, indicated by local dips in the sound insulation curve.
• A very good agreement with experimental sound reduction ratings was obtained using a standard steady-state acoustic 2D approach in ABAQUS. When using a dynamic transient 2D FE model, a satisfactory agreement with the experimental curve was also achieved. Thus, this numerical model turned out to be an efficient tool to predict the sound insulation of building partitions and to develop products with improved acoustic properties. The 2D results were confirmed by the 3D computation results for frequencies less than <1250 Hz (steady-state and transient simulations).
• The analytical formula provides a good approximation of the sound reduction curve in a low and medium frequency range (f < 1600 Hz).
• The acoustic properties can be improved by the presence of air void inserts, glass wool inserts, glass wool layers or by connecting two panels through a wool layer that may lift the sound insulation curve and shift the resonant frequencies. The most effective improvement in terms of the R A1 rating was the wool layer with the thickness of 1 cm. In turn, the most effective improvement in terms of the R A2 rating was the wool layer with the thickness of 8 cm.
